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Abstract 9 
In this paper, we proposed and demonstrated a novel gas-fuelled hot water system 10 
based on combined power and heat pump cycles. It essentially integrates a premixed 11 
gas burner, an organic Rankine cycle (ORC) power plant, and an air source heat pump 12 
for supplying hot water. An ORC power plant generates mechanical power from the 13 
thermal energy produced from the combustion of natural gas in the burner. 14 
Subsequently, the generated power directly drives a vapour compression cycle heat 15 
pump through a common shaft connecting the expander and the compressor. Cold tap 16 
water is headed firstly in the condenser of the heat pump, then in the condenser of the 17 
ORC power plant, and finally the flue gas exiting from the burner in a post heater. The 18 
flue gas exiting the post heater will be mixed with ambient air to further extract its 19 
residual heat in the evaporator of the heat pump. The advantages of the proposed 20 
system are threefold. First, the waste heat of the power cycle has been fully recovered. 21 
Second, the heat pump operates on a much lower temperature difference, leading to 22 
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higher COP. Third, it has no electrical generator or motor, avoiding the transduction 23 
losses. A comprehensive analysis has been presented in this paper, and the results 24 
show that the proposed system can achieve an overall fuel-to-heat efficiency up to 25 
147% when the cold water is heated from 10 to 65 °C and the ambient air temperature 26 
is in the range -5 to 5 °C. The research results demonstrated that the proposed 27 
technology has a great potential for hot water applications. 28 
 29 
Keywords: Organic Rankine cycle; air source heat pump; water heater; 30 
combined cycles  31 
32 
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1. Introduction 33 
In order to mitigate the risks of climate change resulting from global warming, it 34 
is important to reduce the energy consumption and greenhouse gas emissions. Heating 35 
accounts for a large part of the energy consumption in countries with cold winters 36 
(e.g., UK), and it usually heavily relies on the burning of fossil fuels such as natural 37 
gases and coal. The decarbonisation of the heating sector is therefore pivotal, but it is 38 
far more challenging than the power sector due to its nature of decentralised 39 
generation and consumption. 40 
There is a wide range of technologies at different stages of development for 41 
heating applications, including electrical resistive heaters, gas boilers, heat pumps 42 
(HPs), and micro-CHP (combined heat and power) systems. They all have different 43 
fuel-to-heat efficiencies that are defined as the ratio of the useful heat production to 44 
the energy contained in the consumed fossil fuels [1, 2].  45 
Nowadays, most installed gas boilers are condensing boilers, which have a 46 
fuel-to-heat efficiency of around 90% by recovering some heat from their flue gases 47 
[2]. Electrical resistive heaters have near 100% efficiency to convert electricity to heat, 48 
but their fuel-to-heat efficiency maybe only around 32-40% if electricity is generated 49 
from fossil fuels [3]. An electrically driven heat pump (HP) is an ideal alternative 50 
technology for domestic heating if low carbon electricity is supplied. However, to 51 
achieve any saving of carbon emissions relative to gas boilers, the HP would require a 52 
Coefficient of Performance (COP) of over 2.5 with the current electricity supply mix 53 
in the UK [4]. In fact, the air source and ground source HPs installed in the UK to 54 
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date have COP in the range of 1.2 to 3.3 [5]. Fossil-fuelled power plants have an 55 
efficiency in the range of 34-42%, and the loss in electricity transmission and 56 
distribution is about 6% [6]. Assuming an average COP of 2.5, the overall fuel-to-heat 57 
efficiency of an electrically powered HP would be only around 80-100%. 58 
Gas-driven absorption HPs have been successfully used in large-scale district 59 
heating applications [4]. Domestic scale gas-driven absorption HPs have recently 60 
been introduced to the European market, claiming a fuel-to-heat efficiency around 61 
130-150% [7]. Gas-driven adsorption HPs have also been researched recently, and 62 
they were reported to have a fuel-to-heat efficiency about 130% in laboratory [7]. Air, 63 
water or waste water, soil, geothermal borehole can all be used as heat sources for 64 
heat pumps for different applications. Great efforts had been made to improve the 65 
performance of heat pumps in the past several decades.  66 
For air source heat pump, the operation parameters and control strategy influence 67 
the system performance significantly. Fischer et al. [8] studied the effect of different 68 
control strategies and boundary conditions on the performance of heat pumps and 69 
recommended the trade-off between system complexity and performance. A 70 
self-optimizing control scheme was proposed by Hu et al. to improve the system 71 
performance of an air-source heat pump by using the extremum seeding control 72 
strategy, which is adopted to match the varying ambient temperatures, water outlet 73 
temperatures and discharge pressure [9]. Gupta and Irving [10] developed a model 74 
that can respond to the changing temperatures of the heat source and sink and their 75 
study showed correct response to the changing ambient temperature.  76 
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Despite the continuous progresses made in improving the heat pump’s 77 
performance, there are still challenges in the practical applications of heat pumps. One 78 
is to overcome the low COP issue due to the high-temperature lift in winter to reach a 79 
desired temperature over 65°C [11]. The poor performance of heat pumps due to high 80 
condensation temperature has become a significant obstacle. Furthermore, wide 81 
installation of electrically-powered heat pumps will increase peak electricity demand 82 
in winter [12, 13], bring challenges to the electrical grid.    83 
The idea of combining power generation cycles and heat pump cycles has been 84 
investigated in the past. A concept of ORC driven heat pump system using the same 85 
working fluid and sharing a condenser was proposed by Strong [14]. Later on, 86 
experimental investigation of this concept was carried out by Demierre et al. [15, 16]. 87 
Recently, a hybrid gas engine-driven heat pump system was proposed by Wan et al. 88 
[17] and its primary energy ratio, the ratio of the useful energy output to the primary 89 
energy input, can achieve up to 1.09. Shang et al. [18] analysed another type of hybrid 90 
power-driven heat pump system theoretically. The results showed that the primary 91 
energy ratio is 15.8-25.3% higher than that of the conventional gas engine-driven heat 92 
pump system by introducing waste heat recovery.  93 
Combined heat and power (CHP) systems for meeting electric and heat demands 94 
in cold climate regions have also been widely investigated. Cho et al. [19] performed 95 
a conceptual study of a heat pump driven by a CHP system for producing hot water in 96 
parallel. It however has a relatively low theoretical COP of 3.6-4 because the heat 97 
pump operates at large temperature lift. Kang et al. [20] also analysed a parallel 98 
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system that uses a gas turbine to drive a heat pump and recovers the gas turbine’s 99 
waste heat to produce hot water, but this system again suffers from a lower heat pump 100 
COP due to a high condenser temperature. Schimpf and Span [21] numerically 101 
analysed a heat pump system that is capable of running in reverse as an ORC by 102 
diverting the working fluid between an expansion valve and pump, depending on the 103 
flow direction. However, their ORC system does not directly power the heat pump, 104 
and the waste heat of the ORC system is used to recharge a geothermal heat source. 105 
Liu et al. [22] analysed a system that uses an internal combustion engine to directly 106 
drive a heat pump, but the waste heat of the IC engine was used to drive an ORC to 107 
generate power instead of heating water. In addition, Siviter [23] proposed to use 108 
thermoelectric heat pumps in the condensation process of the Rankine cycle to 109 
improve the system performance, and the experimental results showed the potential 110 
this concept. 111 
 In this paper, we propose a novel natural gas fuelled hot water heater based on 112 
combined power and heat pump cycles. The proposed system essentially integrates a 113 
premixed gas burner, an ORC power plant, and an air source heat pump for supplying 114 
hot water. The thermal energy produced from natural gas in the burner powers an 115 
ORC power plant. Subsequently, the generated power directly drives a vapour 116 
compression heat pump. Cold tap water is heated by three heat exchangers in series to 117 
gradually increase its temperature. It is preheated in the condenser of the heat pump, 118 
then heated in the condenser of the ORC power plant, and finally further heated by the 119 
flue gas exiting from the burner in a post heater. The flue gas exiting the post heater 120 
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will be mixed with fresh ambient air to further extract its residual heat. In response to 121 
the changing ambient air temperatures, the proposed system can adjust the mass flow 122 
rates of the natural gas to the burner and the fresh air to mix with the flue gas to 123 
ensure hot water supply at a temperature of 65 °C. 124 
The proposed water heater has several advantages. First, the waste heat of the 125 
power cycle has been fully recovered. Second, such an ORC-HP system design 126 
enables the heat pump to work at a much lower condensing temperature than that of a 127 
conventional heat pump for supplying hot water at the same temperature, leading to a 128 
higher COP. Third, the mechanical power of expander of the ORC cycle directly 129 
drives the compressor of the heat pump, so it eliminates the electrical generator or 130 
motor, and thus avoids the transduction losses. Fourth, it can maximise the heat 131 
recovery from the flue gases, further improving the system’s efficiency.  132 
 133 
2. Concept 134 
As shown in Fig. 1, the proposed system integrates an ORC power plant and a 135 
vapour compression heat pump. The thermal energy released by the combustion of 136 
natural gas is transferred to power the ORC system through the Evaporator-ORC. 137 
Cold tap water is preheated in the Condenser-HP, and is then further heated in 138 
Condenser-ORC. Finally, it reaches the required supply temperature in the post heater 139 
that further recovers heat from the flue gases. After leaving the post heater, the flue 140 
gases then mixes with fresh air, entering the Evaporator-HP where their residual heat 141 
will be further extracted.  142 
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Unlike the conventional CHP systems that drive a generator to produce electricity, 143 
the power generated by the ORC is used to directly drive the compressor of a heat 144 
pump. The compressor of heat pump and the expander of ORC are directly connected 145 
with a common shaft.  146 
The main interests in this paper is to investigate the theoretical limit of 147 
performance of the proposed system using available working fluids. A screen of 148 
working fluids showed that the best performance was achieved in the simulations 149 
when hexane and R134a were used as the working fluid for the ORC system and heat 150 
pump, respectively. In fact, some researchers have studied the potential of hexane for 151 
ORC power plants [24-26], but it has not been widely used in practical applications so 152 
far due to its flammability. On the one hand, as the technologies advance, solutions 153 
can be developed to address this challenge. For example, mixing hexane with 154 
retardant working fluid can potentially maintain its high efficiency while overcome 155 
the concerns of its flammability. On the other hand, flammable working fluids such as 156 
propane have already been used for high temperature heat pumps [27-29]. Hence, the 157 
results based on the pair of hexane and R134a have been used in this paper to 158 
demonstrate the best performance we can achieve in theory using the proposed 159 
system.  160 
The Temperature-Entropy diagrams of two thermodynamic cycles are shown in 161 
Fig. 2. The green line refers to water, pink for R134a, blue for hexane, red for the flue 162 
gas, and nattier blue for the mixture of fresh air and flue gas. Hexane is a dry working 163 
fluid and thus only minimal superheat is needed [30, 31].  164 
9 
 
3. Theoretical Model  165 
A programme based on Matlab platform and Refprop database is developed to 166 
analyse the thermodynamic performance of the system as shown in Fig. 1. The 167 
enthalpies and entropies at different states were calculated by using a database 168 
Refprop 9.0. An Aspen Plus model was also used to verify the present Refprop/Matlab 169 
model. 170 
The main assumptions used in the modelling are listed as follows.  171 
(1) The combustion efficiency is assumed to be 100%. 172 
(2) Nitrogen does not take part in the chemical reaction during the combustion 173 
process. 174 
(3) Both heat and pressure loss in all heat exchangers and pipes are negligible.  175 
(4) The combined cycles are operated under steady state conditions. 176 
(5) The temperature of flue gas is higher than the acid dew point at the outlet of 177 
post heater  178 
(6) The Evaporator-HP is made of anticorrosion materials. 179 
(7) There is no power loss at the common shaft between the expander and the 180 
compressor. 181 
(8) The natural gas is assumed to be pure methane. 182 
(9) Assume sufficient excessive air will be supplied to ensure the temperature of 183 
combustion products in the evaporator will low enough to prevent the 184 
decomposition of the working fluid.     185 
 186 
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The design target is to provide domestic hot water at 65°C. The proposed system 187 
is scalable, and is preferred for relatively large applications. For the convenience of 188 
experimental research in the laboratory, the heating power is set as 20 kW in this 189 
research. Some other main operating parameters are listed in Table 1. 190 
 191 
3.1 Gas burner 192 
The fuel considered in this study is natural gas and it is assumed to be pure 193 
methane. The complete reaction combustion of natural gas can be expressed as: 194 
2222224 2)1(52.72)76.3)(1(2 ONOHCONOCH            (1) 195 
 1                                                        (2) 196 
Here, α refers to the amount of excess air and λ refers to the excess air ratio [32]. The 197 
excess air ratio for natural gas combustion is normally in the ranges of 1.05-1.2 198 
[32-35]. The excess air ratio is set as 1.2 in this study. 199 
For a constant-pressure equilibrium process, the heat released during the 200 
combustion process can be defined as: 201 
fuelcomb mHQ                                                      (3) 
202 
RP HHH                                                       (4)
 203 
Here, HP is the enthalpy of the products of combustion that leave the combustion 204 
chamber and HR is the total enthalpy of the reactants that enter it. The combustion 205 
heat of methane is 890.3 kJ/mol. The model of the combustion process of natural gas 206 
is validated using the data presented in reference [36]. The predicted combustion 207 
temperature for this model is 2332 K when the excess air ratio is 1, slightly different 208 
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from 2328 K as predicted in Ref [36]. According to the reaction process as shown in 209 
Equation (1), when the excess air ratio is 1.2, the mass fractions of CO2, H2O, N2 and 210 
O2 are 6.35%, 5.20%, 75.22% and 13.23% in the product mixture, respectively.  211 
After the combustion process in the burner, additional air will be added to the 212 
combustion products to reduce their temperature to the required temperature range 213 
260-280 °C [37] to avoid the decomposition of the refrigerant in Evaporator-ORC.   214 
 215 
3.2 Pinch-point temperature difference method 216 
The limitation of pinch point temperature difference was considered in the 217 
modelling of all heat exchangers during phase change processes to ensure the feasible 218 
heat exchanger design in practical applications. Take the evaporation process in the 219 
Evaporator-ORC for example, the temperature of flue gas at evaporator inlet (T5), the 220 
temperature of hexane at the evaporator inlet (T2), the mass flow rate of flue gas (mg) 221 
and the minimum pinch point temperature difference (∆Tpp) are all pre-set. Assuming 222 
the bubble point is the pinch point so TA=TB+∆Tpp, and the mass flow rate of hexane 223 
can be calculated based on the energy conservation as: 224 
B
Agpg
f
hh
TTmc
m



3
5 )(
                   
   
                        
(5) 225 
Then the energy balance during the process from state 2 to state B can determine the 226 
temperature T6 as:  227 
gpg
Bf
A
mc
TTm
TT



)( 1
6
,
                                               
(6) 228 
where the cpg refers to the specific heat capacity of flue gas. 229 
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A procedure was developed to compare the (T6-T2) and (TA-TB). If (T6-T2)>(TA-TB), 230 
it means that the assumption of pinch point locating at the bubble point is reasonable. 231 
Otherwise, the Pinch Point locates at state 6 and T6=T2+∆Tpp. If (T6-T2)<0, T6 232 
calculated with Equation (6) is lower than the acid dew point of the flue gas, then 233 
there is no pinch point limitation in the heat exchange process which limits the 234 
amount of heat transfer to the ORC needed to avoid overcooling of the flue gas [38], 235 
to ensure T6 is higher than 120 °C to avoid the acid dew point in the boiler. This pinch 236 
point temperature difference (PPTD) method is also adopted in all the other heat 237 
exchangers. 238 
 239 
3.3 Organic Rankine cycle 240 
    The modelling of four main components in the basic ORC is present as follows. 241 
The working fluid is pumped from low to high pressure by the pump that consumes 242 
mechanical work, and it can be calculated as: 243 
pfORCp hhmW )/-- 12(                                              (7) 
244 
 Wherein, ȠP refers to the isentropic efficiency of the pump. 245 
The high-pressure liquid enters Evaporator-ORC where it is heated to a saturated 246 
vapour at constant pressure. The heat transfer within the Evaporator-ORC can be 247 
calculated as:  248 
)( 23 hhmQ fORCeva -                                              (8) 
249 
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)( 65 hhmQ eORCeva -                                              (9) 
250 
High temperature and pressure vapour of the working fluid expands during the 251 
process 3-4 and the generated power can be calculated as: 252 
T)-(  43 hhmW fORC                                              (10) 
253 
Wherein, ȠT refers to the isentropic efficiency of the turbine. 254 
The vapour enters the Condenser-ORC where it condenses at a constant pressure 255 
to turns into a saturated liquid. The heat transfer to water within the Condenser-ORC 256 
can be expressed as:  257 
)( 14 hhmQ fORCcon                                               (11) 
258 
)( 1213 hhmQ wORCcon                                            (12) 
259 
Wherein, mw refers to the mass flow rate of water. 260 
In our initial design, the post heater aims to further increase the temperature of 261 
the hot water and the heat transfer can be expressed as: 262 
)( 1316 hhmQ wpost                                            (13) 
263 
 
264 
3.4 Vapour compression cycle heat pump  265 
 The two-phase refrigerant turns into vapour by absorbing heat from the mixture 266 
of fresh air and flue gas in Evaporator-HP, the heat transfer within the Evaporator-HP 267 
can be calculated as: 268 
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)( 107 hhmQ rHPeva                                                 (14) 
269 
)( 1514 TTmcQ mixpmHPeva                                            (15) 
270 
Wherein, mr and mmix refer to the mass flow rate of refrigerant and the mixture gas 271 
respectively, cpm refers to the specific heat capacity of gas mixture. 272 
The vapour of refrigerant R134a is then pressurised and circulated by a 273 
compressor. The power required is provided by the ORC expander. It can be 274 
calculated as:  275 
)( 78 hhmW rcom                                                    (16) 
276 
ORCcom WW                                                         (17) 
277 
Wcom and WORC refer to the mechanical work consumed by compressor and the 
278 
mechanical work generated in ORC, respectively. 
279 
The high-pressure R134a vapour rejects its heat to the water and turns into liquid. 280 
The heat transfer can be calculated as: 281 
)( 98 hhmQ rHPcon                                                  (18) 
282 
)( 1112 hhmQ wHPcon                                                 (19) 
283 
The liquid refrigerant R134a exiting the Condenser-HP expands then changes into 284 
a low-pressure, low-temperature, two-phase mixture. It can be assumed as an 285 
isenthalpic process as the following. 286 
109 hh                                                             (20) 
287 
 
288 
3.5 Evaluation of the system 289 
Thermal efficiency of the ORC is defined as: 290 
15 
 
ORCeva
ORCpORC
ORC
Q
WW



                                               (21) 
291 
The Coefficient of Performance (COP) of heat pump is defined as: 292 
com
HPcon
W
Q
COP 
                                               (22) 
293 
The total heat output of hot water heater can be calculated as:  294 
)( 1116 hhmQ wtotal                                                 (23) 
295 
The overall fuel-to-heat efficiency can be defined as: 296 
comb
total
hf
Q
Q
                                                (24) 
297 
 
298 
3.6 Heat transfer area of the heat exchangers 299 
According to the calculated heat capacity, the heat transfer area of the heat 300 
exchangers can then be determined [39]. Plate heat exchangers are chosen for the 301 
Condenser-ORC, condenser-heat pump, and the post heater owing to its efficient heat 302 
transfer and compactness. Hence, all the simulations below are based on plate heat 303 
exchangers.  304 
 305 
3.6.1 Correlation for working fluid in single-phase state 306 
For the fluid in the sub-cooling zone (state 2 to state B) and in the sup-heating 307 
zone (state 8 to state E, and state 4 to state C), heat transfer coefficient ( f ) can be 308 
calculated according to a semi-empirical equation that is based on Leveque analogy 309 
and experimental data [40] as follows.  310 
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 /Re eqd                                                    (25) 
311 
kcp /Pr                                                       (26) 
312 
5.0
1
5.0
0
5.0 )8.3/()cos1()cos/sin36.0tan18.0/(cos/1 fff  
       
(27) 313 
When 2000Re , Re/640 f , 85.3Re/5791 f  314 
When 2000Re , 20 )5.1Relg8.1(
f ,
289.0
1 Re/39f  315 
374.026/13/1 )2sinRe()/(Pr122.0   fNu wall                           (28) 316 
eqdkNu /                                                      (29) 
317 
/2 1bdeq                                                         (30) 
318 
Here, Re, Nu and Pr refer to the Renold number, Nusselt number and Prandtl number 319 
respectively; deq refers to the equivalent diameter of working fluid channel; b1 is 320 
corrugation depth and φ is the surface enlargement factor of a plate heat exchanger. 321 
Table 2 summarises the main geometric dimensions of the plate heat exchangers. 322 
The correlation mentioned above can be also adopted to calculate the heat 323 
transfer coefficient ( w ) of the cold-water side. Cooper’s pool boiling correlation is 324 
adopted for the heat transfer coefficient ( g ) calculation of the evaporating phase 325 
change process [40]: 326 
5.067.055.0)lg2.012.0( ))/lg(()/(55*5.1   Mqpppp cre
Rp
cree               (31) 327 
Here, pe and pcr mean evaporating pressure and the critical pressure of working fluid 328 
(MPa), respectively; Rp means the mean asperity height (μm). According to the 329 
supplied plate heat exchanger, the value of Rp is 0.3 in this calculation; q means the 330 
heat flux (W/m2), M means the molar mass of working fluid (kg/kmol). 331 
 332 
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3.6.2 Correlation for condensation process  333 
The condensation heat transfer coefficient ( c ) of all working fluids can be 334 
calculated by using the following correlation [41]: 335 
14.033.078.0 )/(PrRe)/(2092.0 walllleqll dk                              (32) 336 
leql dG /Re                                                       
(33) 337 
llll kcp /Pr                                                       
(34) 338 
8.0)1/1()/(  xCo lv                                                
(35) 339 
)/( 22 ell dgGFr                                                    
(36)340 
fgiGqBo  /                                                        
(37) 341 
)7525.0( 75.025.045.0 BoFrCo ll 

                                     
(38) 342 
Here,  343 
C0 – Convection number;  344 
B0 – Boiling number; 345 
x – Quality; 346 
G– Mass flux of the working fluid (kg/m2s);  347 
g– Acceleration due to gravity (m/s2); 348 
ifg– Enthalpy of vaporization (kJ/kg). 349 
Based on the heat transfer coefficient above, the heat transfer area can be 350 
obtained as: 351 
mTKQA  //                                                       
(39) 352 
sidecoldsidehot tK    //// 100010001                                  
(40) 353 
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When 
21 TT  , then 354 
)/ln( 21
21
TT
TT
Tm


                                                    
(41) 355 
Wherein, 356 
outin TTT 211                                                       
(42) 357 
inout TTT 212                                                       
(43) 358 
Here, subscript 1 means the hot fluid, 2 means the cold fluid, subscript “in” means at 359 
the inlet, “out” means the outlet. 360 
3.6.3 Correlation for Evaporator-HP and post heater 361 
As is well known, the heat transfer coefficient on the gas side is much lower than 362 
those on the liquid side. A fin and tube heat exchanger is adopted to increase heat 363 
transfer area by utilizing finned heat transfer surfaces. The modelling of the 364 
Evaporator-HP is set up based on the fin and tube heat exchanger. The main geometric 365 
dimensions of fin and tube heat exchange is shown in Table 3.  366 
 For the fin side (namely the air side), the heat transfer fluid is a mixture of fresh 367 
air and flue gases. In order to further recover heat from the flue gases, all the exhaust 368 
gases pass through the Evaporator-HP. Fresh air is mixed with flue gases to provide 369 
sufficient heat energy needed in the evaporator. The flow rate of fresh air is 370 
determined by the required heat in Evaporator-HP and temperature difference between 371 
inlet and outlet. 372 
The equivalent heat transfer coefficient of the fin side is expressed as: 373 
soof                                                        
(44) 374 
 – The moisture absorption coefficient; 375 
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o – Heat transfer coefficient of air side; 376 
s – Surface effectiveness; 377 
The moisture absorption coefficient  is expressed as follows. If weam dd  , 378 
weam
weam
tt
dd



）（2460
1  , Where, 
2
21 aa
am
tt
t

 , ta1, ta2 are the mixture temperatures 379 
at inlet and outlet. If weam dd  , 1 . dam and dwe refer to the mean humidity ratio of 380 
the moist air and humidity ratio of saturated air respectively, and tam and twe are the 381 
mean temperature of the moist air and the wall temperature of tube respectively.  382 
The surface effectiveness s  can be calculated as: 383 
)1(1 f
a
f
s
a
a
 
                                                  
(45) 384 
af – the area of the fin per meter of the tube, 
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ab – The external surface area of tube per meter tube, 
f
ffb
b
S
Sd
a
)(  
 ;  386 
db – The external diameter of fin collar, fb dd 20  ;  387 
aa – The total area of the heat exchanger per unit, bfa aaa  ;  388 
S1 – Depth of the heat exchanger perpendicular to airflow direction;  389 
S2 – Depth of the heat exchanger in airflow direction, 
2
3 1
2
S
S  ;  390 
d0 – External diameter of tube;  391 
δf – Thickness of the fin;  392 
Sf – Fin spacing;  393 
The fin effectiveness f is defined as: 394 
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The equivalent height of the fin h : )ln35.01()1(5.0   bdh  397 
For the staggered finned tube banks  , 3.027.1
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l1 – The long side of the hexagon fin;  399 
l2 – The short side of the hexagon fin;  400 
In this case, l1= l2 for the Equilateral hexagon. 401 
The heat transfer coefficient of air side can be expressed as: 402 
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Here, 404 
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f –Kinematic viscosity, m
2/s;  413 
wmax – The wind velocity flowing through the narrowest area,  414 
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1
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w
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 ;  415 
Therefore, the equivalent heat transfer coefficient of fin side can be expressed as: 416 
21 kkoo                                                       
(48) 417 
k1 – Correction coefficient of configuration, k1=1.1 for staggered arrangement; 418 
k2 – Correction coefficient of fin style, k2 =1.2 for wavy fin; 419 
(1) The heat transfer coefficient of tube side 420 
The tube side heat transfer coefficient αi for Evaporator-HP is evaluated from 421 
Kandlikar correlation [41, 42]. 422 
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Wherein, 424 
αl – The heat transfer coefficient of the liquid refrigerant flowing in the tube, 425 
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B0 – Boiling number,
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Frl – Froude number with all flow as liquid, 
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; 429 
g – Mass flow per unit area per unit time, kg/(m2·s) ; 430 
λl – Thermal conductivity of liquid phase, W/(m·K) ; 431 
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Prl – Prandtl number of liquid phase; 432 
ρg – Density of gas phase, kg/m3; 433 
x – Quality; 434 
q – Heat flux, w/m2; 435 
ρl – Density of liquid phase, kg/m3; 436 
Ffl – Determined by working fluid, for R134a, Ffl=1.63; 437 
if C0<0.65, C1=1.136, C2=-0.9, C3=667.2, C5=0.3; 438 
if C0>0.65, C1=0.6683, C2=-0.2, C3=1058.0, C5=0.3; 439 
The overall heat transfer coefficient can be determined from the knowledge of the 440 
inside (tube side) and outside (fin side) heat transfer coefficient. 441 
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(50) 442 
λ – Thermal conductivity of brass, 383W/m·K; 443 
r0 – thermal resistance, 0.001 m2K/W; 444 
rb – contact resistance of between the fin and the tube, 0.0048; 445 
Based on the heat transfer coefficient above, the heat transfer area of fin side can 446 
be obtained as: 447 
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di – Internal diameter of tube; 451 
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Ai – Heat transfer area of tube; 452 
di – Heat transfer area of fin; 453 
l – Length of tube; 454 
ΔTm – Logarithmic mean temperature difference, LMTD. 455 
 456 
4. Results and discussions 457 
4.1 Comparison between two models 458 
The proposed system was modelled using both ASPEN Plus and the present 459 
Refprop/Matlab code, based on the same working condition. In order to compare the 460 
simulations of the proposed system using these two models, we selected one case with 461 
the evaporating temperature of the heat pump Teva2 = 270.33 K, the temperature of the 462 
gas mixture exiting the Evaporator-HP T15=275.55 K, and an ambient air temperature 463 
of T0=278.15 K. Tables 4 and 5 show the comparison between the key parameters 464 
calculated using these two models.  465 
Table 4 summarises the calculated the temperatures, heat transfer, work transfer 466 
within the key components of the proposed system, as well as the difference between 467 
the two models. An Aspen plus model is used as the benchmark. The calculated 468 
temperature using these two models are all very close to each other, and the 469 
differences are all less than 1%. It can also be seen that there is only very small 470 
difference (namely <4.8%) in the calculated heat transfer at each heat changers 471 
between the predictions by the two models. This can be attributed to the different 472 
control strategies and the different PPTD approaches used for calculating the heat 473 
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transfer. For example, the heat absorbed by water in the Condenser-HP (Qcon2-HP) 474 
predicted by Aspen plus model is 1.5 % higher than that of the present model, while 475 
the heat rejected by the Condenser-ORC calculated by the Aspen plus model is 4.8% 476 
lower than that of the present model. For the Aspen Plus model, the water temperature 477 
T16 is controlled directly by adjusting the mass flow rate of the fuel, while for the 478 
present Refprop/Matlab model, both the temperature of flue gas T6 and the mass flow 479 
rate of natural gas can be adjusted.  480 
Table 5 shows the calculated performance indicators of this case study using 481 
these two models. The COP of the heat pump subsystem calculated by the Aspen 482 
model is around 5.7 % higher than that predicted by the present model, while the 483 
thermal efficiencies predicted by two models are almost the same. The total heat 484 
power output predicted by the present model is 1.4 % higher than the Aspen plus 485 
model. The predicted overall fuel-to-heat energy efficiencies are almost the same.    486 
Nevertheless, the results shown in Table 4 and 5 demonstrate a good agreement 487 
between the results calculated using these two models, offering us the confidence to 488 
use the present model to further analyse the performance and characteristics of the 489 
proposed system. In this study, Refprop/Matlab is adopted in the following analysis 490 
since the modelling of each component and the control strategy sometimes are not 491 
available for the Aspen Plus model, which is a disadvantage for the designing and 492 
system optimization. However, the Refprop/Matlab model can overcome this 493 
disadvantage. This is the reason why Refprop/Matlab model was adopted. 494 
 495 
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4.2 Comparison of system performance using different ORC working fluids 496 
The performance of thermodynamic cycles strongly depend on the properties of 497 
working fluids. Ideally, the working fluids should meet a list of criteria such as 498 
stability, non-fouling, non-corrosiveness, non-toxicity and non-flammability. 499 
However, not all the desired criteria could be satisfied in the present ORC design. 500 
Dreschler et al. [43] proposed working fluid selection based on thermal efficiency as 501 
the key criterion. 502 
A comparison of system performance between R245fa, R123 and hexane are 503 
conducted and the result are shown in Table 6. The system with different working 504 
fluids are assumed to operate under the same working conditions. The evaporation 505 
pressure and condensation temperature of ORC are set to be 3000 kPa and 61 °C, 506 
respectively. 507 
There are three parameters to evaluate the system performance, thermal 508 
efficiency for ORC, COP for heat pump cycle, and the overall fuel-to-heat efficiency 509 
for the whole system. It can be seen in Table 6 that the maximum thermal efficiency 510 
of ORC can be obtained by using hexane and that the maximum COP can be obtained 511 
by using R245fa. The maximum fuel-to-heat efficiency was achieved using hexane 512 
when the ambient temperature is in the range from -5 °C to 5 °C. In order to explore 513 
theoretical limit of performance of this system, hexane is used as the ORC working 514 
fluid in the following. As explained early on, although the hexane is flammable, 515 
mixing hexane and retardant working fluid is a possible way to maintain its high 516 
efficiency but overcome the issues of its flammability. 517 
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 518 
4.3 Effects of the ambient air temperature and the condensation temperature of 519 
the ORC 520 
Using the obtained model that has been verified by Aspen Plus to some extent, a 521 
set of comprehensive simulations has then conducted to optimise the proposed system 522 
in response to the changing ambient temperatures. The design target is to heat cold tap 523 
water from 10 to 65 °C and deliver 20 kW heating power when the ambient air 524 
temperature varies in the range from -5 to 5 °C. The condensation temperature of 525 
ORC Tcon1 is an important parameter that strongly affects the water temperature T13, 526 
the exiting temperature of flue gas T6, and then the final hot water temperature T14. 527 
Therefore, the effects of the ambient temperature T0 and the condensation temperature 528 
Tcon1 on the performance of the whole system are studied in detail. The evaporation 529 
pressure within the Evaporator-ORC is set at 3000 kPa since the ORC can obtain 530 
relatively high thermal efficiency when it is operated closed to the critical pressure. 531 
In practical applications, mass flow rates of pumps or compressors are usually 532 
used to control the operation of thermodynamic systems. There are three fluids 533 
exchanging energy with the system, including natural gas, fresh air, and water. The 534 
mass flow rate of water is 0.087 kg/s and both the temperature of cold tap water and 535 
the target temperature are set as 10 and 65 °C, respectively. So only the mass flow 536 
rates of natural gas and fresh air are variable. In this system, the mass flow rate of 537 
natural gas is controlled to match the system with the changing ambient air 538 
temperature.  539 
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As shown in Fig. 3, the mass flow rate of natural gas decreases as ambient air 540 
temperature increases from -5 to 5 °C for any given condensation temperature within 541 
the Condenser-ORC. More natural gas is required to compensate the reduction of heat 542 
extracted from the ambient air as its temperature decreases. For a given ambient 543 
temperature, the mass flow rate of the required natural gas firstly decreases and then 544 
increases as the condensation temperature the ORC system increases from 55 to 62 °C, 545 
leading to a minimum value when the ORC condensation temperature is around 546 
61 °C.  547 
Fig. 4 presents the variation of mass flow rate of fresh air as ambient temperature 548 
varies. It is determined by the heat required in the Evaporator-HP and the residual 549 
heat carried by the flue gases. We can control the mass flow rate of the natural gas 550 
burnt in the burner to control the temperature of the mixture of fresh air and flue gases 551 
before they enter the Evaporator-HP. For the combined ORC-HP system, the thermal 552 
energy leaving it has two parts: the heat output carried away by the hot water, which 553 
is kept constant as 20 kW; and the thermal energy carried away by the gas mixture 554 
exiting the Evaporator-HP. The energy input also includes two parts: the heat 555 
produced by the combustion of natural gas and the heat extracted from fresh air 556 
flowing in the system. According to the first law of thermodynamic, all the energy 557 
entering the system should equate to the energy leaving it. Hence, the variation trend 558 
of mass flow rate of fresh air in Fig. 4 is opposite to that of the mass flow rate of 559 
natural gas as shown in Fig. 3.  560 
In general, for a given condensation temperature within the Condenser-ORC, as 561 
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the ambient air temperature increases, the mass flow rate of air increases so more heat 562 
can be extracted from it (see Fig. 4), and less natural gas is needed (see Fig. 3). For a 563 
given ambient temperature, as the condensation temperature of ORC increases from 564 
55 to 62 °C, the required air flow rate firstly increases and then decreases.      565 
Figures 5 and 6 present the effects of the ambient air temperature and the ORC 566 
condensation temperature on the heat capacities of heat exchangers, including the 567 
Condenser-HP, Condenser-ORC, and the post heater. In Fig. 5, heat capacities of both 568 
the Condenser-HP and the post heater increase as the ambient air temperature 569 
increases, while that of the Condenser-ORC decreases, when the total heat output is 570 
kept as 20 kW. As the temperature of ambient air increases, the evaporating 571 
temperature of the heat pump and the exiting temperature T15 rises. On the one hand, 572 
more heat energy can be extracted from the mixture of fresh air and flue gases via the 573 
Evaporator-HP. Consequently, the water temperature T12 increases. On the other hand, 574 
less natural gas is needed in the burner, and consequently less power output is 575 
generated by the ORC system for a given condensation temperature in the 576 
Condenser-ORC. As a result, the heat capacity of Condenser-ORC decreases. 577 
 In Fig. 6, the ambient temperature is kept constant at 5 °C. The heat capacity of 578 
the post heater firstly decreases as the ORC condensation temperature increases, and 579 
then stays constant when it is above 60 °C. This is due to a fixed temperature T6. The 580 
calculated heat capacities of the two condensers both increase as the ORC 581 
condensation temperature increases. This can be attributed to that the temperature of 582 
flue gases is set as above 120 °C to prevent corrosion in the Evaporator-ORC.  583 
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Figure 7 presents the share of the heat supply to the water through those three 584 
heat exchangers under various operational conditions. Interestingly, the results clearly 585 
show that the heat supply is dominated by the two condensers (i.e., Condenser-HP and 586 
Condenser-ORC), while the heat supplied through the post heater is marginal. For a 587 
given ORC condensation temperature, the variation of ambient air temperature has 588 
little effect on the distribution of heat supply. It can also be seen that, for a given 589 
ambient air temperature, the ORC condensation temperature can strongly affect the 590 
distribution of heat supply. For example, when T0=5 °C, the heat supplied by the post 591 
heater decreases from 13.61% to 1.42% when the ORC temperature increases from 55 592 
to 61 °C. From the analysis above, it can be inferred that the post heater can only 593 
supply very limited amount of heat to the water, especially when ORC condensation 594 
temperature is high. Hence, it might be beneficial to remove it from the system to 595 
improve the overall cost-effectiveness.  596 
Figures 8, 9 and 10 show the calculated heat transfer area of the Condenser-HP, 597 
Condenser-ORC, and the post heater, respectively. According to Equation (39), the 598 
heat transfer area of each heat exchanger depends on the heat capacity, the heat 599 
transfer coefficient and LMTD.  600 
In Fig. 8, for a given ORC condensation temperature, the heat transfer area of 601 
Condenser-HP decreases as the ambient temperature increases. As mentioned in the 602 
modelling section, the heat transfer area of the Condenser-HP is divided into two parts, 603 
the single phase part from State 8 to State E (see in Fig. 2) and the condensation 604 
process (two phase) part from State E to State 9. The variation of ambient temperature 605 
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directly affects the condensation temperature of the heat pump. As the ambient 606 
temperature increases, the heat transfer coefficient of both single phase and 607 
condensation process increase due to a higher condensation temperature in the heat 608 
pump. The LMTD of condensation process part decreases while that of the single 609 
phase part increases. The combined effects of these factors will lead to a decrease in 610 
the heat transfer area of single phase part and an increase in condensation process part. 611 
As the reduction of heat transfer area in the single phase part is larger, the total heat 612 
transfer area of Condenser-HP presents a downward trend.   613 
Figure 9 shows that, for a given ORC condensation temperature, the heat transfer 614 
area of Condenser-ORC decreases as the ambient temperature increases. Moreover, 615 
there exists a minimum heat transfer area of the Condenser-ORC, which first 616 
decreases and then increases when the ORC condensation temperature increases. The 617 
method used for the heat transfer area calculation of the Condenser-HP is also applied 618 
to calculate the heat transfer area of Condenser-ORC. As mentioned above, a higher 619 
ambient temperature will lead to a higher condensation temperature of the heat pump, 620 
thus a higher water temperature T12 and a higher heat transfer coefficient. The LMTD 621 
of single-phase part decreases, while that of the condensation process part increases. 622 
Similarly, the heat transfer area of Condenser-ORC increases with the ambient 623 
temperature.   624 
In the post heater, the heat transfer area is calculated by using the correlation for 625 
the single-phase since no phase change happens during the heat transfer process. It is 626 
clearly shown in Fig. 10 that the heat transfer area of the post heater decreases with 627 
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the increasing ambient temperature and condensation temperature. As the ambient 628 
temperature increases, the inlet temperatures of flue gases T6 increases while the 629 
water temperature T13 decreases. Although the heat capacity of the post heater 630 
increases (see in Fig.5), the heat transfer area of the post heater decreases as both the 631 
LMTD and heat transfer coefficient increase. Moreover, as the heat transfer 632 
coefficient without phase change is much smaller than that with phase change, the 633 
heat transfer area of the post heater with smaller heat capacity is even higher than that 634 
of the two condensers.  635 
A fin-and-tube heat exchanger is adopted for the Evaporator-HP because the heat 636 
transfer area at the air side is much larger than other heat exchangers. In Fig. 11, the 637 
left graph shows the calculated heat transfer area at fin side as a function of ORC 638 
condensation temperature and ambient air temperature. In general, it increases as the 639 
ambient air temperature increases for all tested ORC condensation temperatures. For a 640 
given ambient temperature, the fin area firstly increases and then decreases as the 641 
ORC condensation temperature increases from 55 to 62 °C. The right graph in Fig. 11 642 
shows the calculated heat transfer areas at tube side as a function of ORC 643 
condensation temperature and ambient air temperature. The variation of the required 644 
heat transfer area of tube side is the similar to that of fin side since the ratio between 645 
them remains constant.    646 
The effect of the ORC condensation temperature on the thermal efficiency of 647 
ORC is shown in Fig. 12. The results show that the thermal efficiency of the ORC 648 
system decreases as its condensation increases. Ideally, a low condensation 649 
32 
 
temperature is preferred to obtain high thermal efficiency. However, trade-off is 650 
needed to achieve the maximum overall fuel-to-heat efficiency in the proposed 651 
system.     652 
The COP of a heat pump strongly depends on the temperature lift between its 653 
evaporator and condenser. The exiting temperature T15 of the mixture should be lower 654 
than the ambient air temperature in order to extract heat energy from fresh air. 655 
Therefore, the evaporation temperature in the Evaporator-HP needs to be set below 656 
the ambient air temperature. Fig. 13 shows the calculated COP as a function of 657 
ambient air temperature for different ORC condensation temperatures. The results 658 
show that heat pump can reach a COP up to 5.56.       659 
A fuel-to-heat efficiency is introduced in this research to evaluate the 660 
performance of different heating technologies. Fig. 14 shows that the calculated 661 
fuel-to-heat efficiency as a function of ambient air temperature and the ORC 662 
condensation temperature. In general, it increases as the ambient air temperature 663 
increases this is because the HP has a higher COP at higher ambient air temperature 664 
as shown in Fig. 13. For a given ambient temperature, it firstly increases and then 665 
decreases when the ORC condensation temperature increases. It reaches its maximum 666 
value at the condensation temperature of 61 °C. Among all the operation conditions 667 
considered, the fuel-to-heat efficiency reaches its maximum value of 1.47 when the 668 
ORC condensation temperature and the ambient temperature is 61 °C and 5 °C, 669 
respectively.  670 
 671 
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4.3 Optimised model 672 
4.3.1 Optimised working condition 673 
Through the analysis above, the integrated system can then be optimised to 674 
achieve the maximum fuel-to-heat energy efficiency. One case with an ambient air 675 
temperature of 5 °C is used as example to demonstrate an optimised model. The 676 
optimum ORC condensation temperature was calculated as 61 °C as shown in Fig. 14. 677 
The properties and key parameters of the optimised model are summarised in Tables 7 678 
and 8.       679 
Table 7 lists the properties of different state points of the combined cycles as 680 
shown in Fig. 1. Table 8 shows the heat supply of the three heat exchangers. The 681 
water is heated in Condenser-HP, Condenser-ORC, and post heater in series, and the 682 
heat supply by these three heat exchangers are 9.42 kW, 10.29 kW, and 0.28 kW, 683 
respectively. The natural gas flow rate is 0.000244 kg/s, and heat produced in the 684 
burner is 13.66 kW. The Evaporator-ORC transfers 11.79 kW heat to the ORC system, 685 
and it produces 1.81 kW shaft power. The HP extract 7.61 kW heat from the gas 686 
mixture via the evaporator, and delivers 9.42 kW heat to the water via its condenser at 687 
a temperature of 36.3 °C. The original purpose of using the post heater is to recover 688 
heat from the flue gas. It is clearly shown that the heat supply by the post heater 689 
accounts for only 1.41% of the total heat energy.   690 
 691 
4.3.2 Effect of post heater 692 
From the above analysis we can learn that the post heater plays limited role, 693 
34 
 
especially for a relative high ORC condensation temperature. Therefore, the system 694 
performance of the model without post heater was investigated in this part and the 695 
results are compared with that of the model with post heater.  696 
As shown in Table 9, for both models, the thermal efficiency of the ORC 697 
subsystem and the COP of the heat pump subsystem are more or less the same, while 698 
the fuel-to-heat efficiency of system without a post heater is a bit smaller than that of 699 
the system with a post heater. After removing the post heater, the temperature of 700 
exhaust gas T17 becomes higher, which will require less fresh air since the evaporation 701 
temperature in Evaporator-HP is fixed. As a result, less energy can be exacted from 702 
the ambient air thus lead to a slightly lower fuel-to-heat efficiency. 703 
 704 
5. Conclusion 705 
This paper proposes a novel natural gas fuelled water heater that essentially 706 
integrates an ORC power plant with a heat pump, with waste heat recovery. Heat 707 
energy produced from combustion of natural gas in a burner powers an ORC power 708 
plant. The generated power directly drives a vapour compression cycle heat pump. 709 
Cold tap water is heated by several heat exchangers in series to gradually increase its 710 
temperature. The flue gas exiting is mixed with ambient air to further extract its 711 
residual heat in the evaporator of the heat pump.  712 
The simulation results demonstrated that the proposed system has great potential 713 
to improve the efficiency of domestic hot water applications. The advantages of the 714 
proposed system include:  715 
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(1) Unlike using a heat pump to directly heat cold tap water to the required 716 
temperature, the proposed system raises the water temperature using several heat 717 
exchangers in series, so the condensation temperature of the heat pump can be 718 
significantly reduced, leading to a much higher COP.  719 
(2) The waste heat of the ORC power cycle and flues have been recovered, so the 720 
overall fuel-to-heat energy utilisation efficiency of natural gas can be maximised.   721 
(3) The proposed system can adjust the heating loads between the 722 
Condenser-ORC and Condenser-HP when the ambient air temperature varies.  723 
(4) The mechanical power of expander of the ORC cycle directly drives the 724 
compressor of the heat pump, so it eliminates the electrical generator or motor, and 725 
thus avoids the transduction losses 726 
(5) For all the tested conditions, the research results show that there is an 727 
optimum ORC condensation temperature of 61 °C to deliver hot water at 65 °C when 728 
the ambient air temperature is 5 °C, leading to a maximum fuel-to-heat efficiency of 729 
147%.   730 
 (6) It was also found that the post heater could only provide a very small amount 731 
of heat supply. From the thermodynamic point of view, a post heater could slightly 732 
improve the fuel-to-heat efficiency. However, from viewpoint of cost-effectiveness, it 733 
may be removed from the proposed system so the whole system and control strategy 734 
can be largely simplified.  735 
In a summary, this research shows that the proposed natural gas fuelled water 736 
heater can potentially achieve a much higher fuel-to-heat energy efficiency than other 737 
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gas fuelled heating technologies. It has great potential to make a contribution to the 738 
carbon reduction of domestic heating sector. 739 
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 861 
Nomenclature 
Bo Boiling number S Entropy 
b1 Corrugation depth S1 Depth of the heat exchanger 
perpendicular to airflow direction 
Co Convection number S2 Depth of the heat exchanger in 
airflow direction 
cp Specific heat at constant pressure Sf Fin spacing 
COP Coefficient of performance t Plate thickness 
d0 Tube outside diameter T temperature 
dam Mean humidity ratio of wet air υ Kinematic viscosity 
deq Equivalent diameter W Mechanical work 
di Internal diameter of tube Wf Face velocity 
Ffl Fluid-dependent parameter x Quality 
Frl Froude number with all flow as 
liquid 
δf Fin thickness 
g Acceleration due to gravity ρ Density  
G mass flux of the working fluid μ Dynamic viscosity 
h Enthalpy β Chevron angle 
△H Combustion heat λ thermal conductivity 
ifg  Enthalpy of vaporization δf Thickness of the fin 
k1 Correction coefficient of 
configuration 
α Heat transfer coefficient 
k2 Correction coefficient of fin style ϕ Surface enlargement factor 
Lw Plate width α heat transfer coefficient 
m Mass flow rate η efficiency 
M Molar mass   
Nu Nusselt number Acronyms 
Pcr Critical pressure ORC  organic Rankine cycle 
Pr Prandtl number HP Heat pump 
Q heat capacity CHP Combined heat and power 
r0 Fouling resistance of tube side COP Coefficient of performance 
r1 Fouling resistance of fin side PPTD Pinch point temperature difference 
Re Renold number LMTD Logarithmic mean temperature 
difference 
Rp Mean asperity height   
 862 
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Fig.1 Schematic diagram of the proposed natural gas fuelled water heater system 868 
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Fig.2 Temperature-Entropy diagrams of both the ORC (hexane) and heat pump cycle 873 
(R134a) 874 
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Fig.3 The required natural gas for delivering 20 kW at 65 °C hot water supply to 877 
match different ambient temperatures and ORC condensation temperatures 878 
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Fig.4 The required fresh air to be mixed with the flue gas before entering the inlet of 884 
Evaporator-HP to match the different ambient temperature 885 
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Fig.5 Heat capacities of the three heat exchangers of the system for a given ORC 889 
condensation temperature of 61 °C 890 
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Fig.6 Heat capacities of the three heat exchangers of the system for a given ambient 894 
air temperature of 5 °C 895 
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(a) 
 
(b) 
 
(c) 
 
(d) 
 898 
Fig.7 Share of heat supply by the three heat exchangers under different optional 899 
conditions: (a) Tcond-ORC=55 °C and T0=-5 °C; (b) Tcond-ORC=55 °C and T0=5 °C; (c) 900 
Tcond-ORC=61 °C and T0=-5 °C; (d) Tcond-ORC=61 °C and T0=5 °C; 901 
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Fig.8 The required heat transfer area of the Condenser-HP 904 
 905 
55
56
57
58
59
60
61
62
-5
-3
-1
1
3
5
0.170
0.172
0.174
0.176
0.178
0.180
0.182
0.184
0.186
0.188
0.190
H
ea
t 
tr
an
sf
er
 a
re
a 
o
f 
C
o
n
d
en
se
r-
O
R
C
 [
m
2 ]
 
Cond
ensa
tion 
temp
eratu
re of
 ORC
 [¡ãC
] 
 
 
A
m
bient tem
perature [¡ãC
]
 906 
 907 
Fig.9 The required heat transfer area of the Condenser-ORC  908 
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Fig.10 The required heat transfer area of Post heater 912 
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Fig. 11 The required heat transfer area of both the fin side and tube side of the 915 
Evaporator-HP 916 
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Fig. 12 The effect of ORC condensation temperature on thermal efficiency of 921 
ORC 922 
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Fig.13 The effect of ambient temperature on the COP of the heat pump 927 
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 930 
Fig.14 The fuel-to-heat efficiency against ambient temperature and ORC 931 
condensation temperature 932 
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Table 1 Key operating parameters of the combined cycles 935 
Parameters value 
Atmosphere pressure, P0 [kPa] 101 
Efficiency of pump, ƞ1 0.9 
Efficiency of turbine, ƞ2 0.7 
Efficiency of compressor, ƞ3 0.7 
Efficiency of combustion, ƞ4 1 
Temperature of return water, T11 [°C] 10 
PPTD in evaporator of ORC, [°C] 30 
PPTD in Post heater, [°C] 5 
PPTD in condenser of heat pump, [°C] 5 
 936 
 937 
 938 
Table 2 Key geometric dimensions of plate heat exchangers [42] 939 
Parameters value 
Chevron angle β [degree] 60 
Surface enlargement factor, ϕ [/] 1.117 
Plate width, Lw[m] 0.119 
Plate thickness, t [m] 0.0003 
Mean asperity height, Rp[μm] 0.3 
Corrugation depth, b1 [m] 0.00224 
Equivalent diameter of liquid side, deq [m] 0.004 
Equivalent diameter of gas side,deqg [m] 0.009 
Coefficient of thermal conductivity, λ [kW/(m·K)] 0.00163 
 940 
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 942 
Table 3 Key geometric dimensions of fin and tube heat exchangers 943 
Parameters value 
Tube outside diameter,d0[m] 0.00952 
Depth of the heat exchanger perpendicular to airflow direction,S1[m] 0.0254 
Depth of the heat exchanger in airflow direction,S2[m] 0.022 
Fin spacing, Sf[m] 0.0002 
Thickness of the fin,δf[m] 0.000014 
Face velocity, Wf[m/s] 3 
Fouling resistance of tube side, r0[m
2K/kW] 2.5 
Fouling resistance of fin side, r1 [m
2K/kW] 1 
Thermal conductivity of copper, λc[kW/(m·K)] 0.383 
Thermal conductivity of aluminium, λal[kW/(m·K)] 0.22 
Mean humidity ratio of wet air, dam [g/kg] 5.1 
 944 
Table 4 Parameters of the combined cycle 945 
Parameter 
Heat pump cycle 
Parameter 
ORC cycle 
ASPEN 
Plus 
Refprop/
Matlab 
Difference ASPEN 
Plus 
Refprop/
Matlab 
Difference 
T12, K 307.05 306.48 0.2% T13, K 330.73 333.68 0.9% 
Tcon2, K 305.75 307.98 0.7% Tcon1, K 326.08 326.15 0 
Teva2, K 270.33 270.33 0 Teva1, K 507.15 506.93 0 
T15, K 274.55 274.55 0 Qcon-ORC, kW  9.89 10.36 4.8% 
Qcon-HP, kW  10.01 9.86 1.5% Qeva-ORC, kW 11.63 12.14 4.4% 
Qeva-HP, kW 8.18 7.94 2.9% WORC, kW 1.84 1.92 4.3% 
mf2, kg/s 0.054 0.054 0 mf1, kg/s 0.019 0.020 5.6% 
Wcom, kW 1.84 1.92 4.3% Wp, kW 0.100 0.105 5.4% 
Qpost, kW 1.16 1.13 2.8% T17, K 333.15 335.61 0.7% 
 946 
 947 
 948 
 949 
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 950 
Table 5 Evaluation of System performance 951 
 
ASPEN Plus Refprop/Matlab Difference 
Combusted energy of fuel 15.6 15.6 0 
COP of heat pump 5.45 5.14 5.7% 
ORC thermal efficiency, % 14.92 14.96 0.3% 
Overall fuel-to-heat efficiency  136.0 137.2 0.9% 
Total heat absorbed by water, kW 21.07 21.36 1.4% 
 952 
Table 6 Comparison of system performance using different ORC working fluids 953 
 Fuel-to-heat efficiency Thermal efficiency  COP 
Working 
fluid 
hexane R245fa R123 hexane R245fa R123 hexane R245fa R123 
T0=-5 1.343  1.208  1.254  
0.15  
 
0.11  
  
0.13  
  
4.26  4.91  4.65  
T0=-3 1.366  1.224  1.271  4.42  5.12  4.85  
T0=-1 1.389  1.240  1.288  4.60  5.36  5.05  
T0=1 1.414  1.257  1.307  4.79  5.61  5.28  
T0=3 1.441  1.275  1.327  4.99  5.87  5.52  
T0=5 1.471  1.296  1.349  5.21  6.16  5.78  
 954 
 955 
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 957 
Table 7 Parameters of different states at optimal condition 958 
state T(°C) P(kPa) x 
1 61 79 0 
2 62.2 3000 0 
3 233.8 3000 1 
4 139.0 79 1 
5 1809 101 1 
6 120 101 1 
7 0.5 298 1 
8 51.7 958 1 
9 37.8 958 0 
10 0.5 298 0.26 
11 10 101 0 
12 36.3 101 0 
13 65.1 101 1 
14 5.1 101 1 
15 3.5 101 1 
16 65.9 101 1 
17 71.7 101 1 
 959 
 960 
 961 
Table 8 Heat transfer rate and power transfer of the key components 962 
Parameters Value 
Heat capacity of Condenser-ORC, kW 10.29 
Heat capacity of Condenser-HP, kW 9.42 
Heat capacity of the Post Heater, kW 0.28 
Mass flow rate of natural gas, kg/s 0.000244 
Heat produced by the burner, kW 13.66 
Heat capacity of Evaporator-ORC, kW 11.79 
Power generated in Expander, kW 1.81 
Mechanical work consumed by pump, kW 0.108 
Mechanical work consumed by compressor, kW 1.81 
Heat capacity of Evaporator-heat pump, kW 7.61 
Thermal efficiency of ORC 15.34% 
COP 5.21 
Fuel-to-heat efficiency of the combined cycle 147.1% 
 963 
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Table 9 Comparison of system performance with and without post heater 964 
 With post heater Without post heater 
Ambient 
temperature 
Fuel-to-heat 
efficiency 
Thermal 
efficiency 
of ORC 
 
COP 
Fuel-to-heat  
efficiency 
Thermal 
efficiency 
of ORC 
 
COP 
T0=-5 1.343   
 
0.153 
 
 
4.256  1.323   
 
0.153  
 
 
4.256  
T0=-3 1.366  4.421  1.345  4.421  
T0=-1 1.389  4.597  1.369  4.597  
T0=1 1.414  4.786  1.394  4.786  
T0=3 1.441  4.989  1.421  4.989  
T0=5 1.471  5.206  1.450  5.206  
 965 
